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Abstract

Data centers have been built with spread of cloud computing. Further, electric power consumption of it is growing
rapidly. High power cooling small-sized fans; high pressure and large flow rate small-sized fan, are used for servers in
the data centers and there is a strong demand to increase power of it because of increase of quantity of heat from the
servers. Contra-rotating rotors have been adopted for some of high power cooling fans to meet the demand for high
power. There is a limitation of space for servers and geometrical restriction for cooling fans because spokes to support
fan motors, electrical power cables and so on should be installed in the cooling fans. It is important to clarify
complicated internal flow condition and influence of a geometric shape of the cooling fans on performance to achieve
high performance of the cooling fans. In the present paper, the performance and the flow condition of the high power
contra-rotating small-sized axial fan with a 40mm square casing are shown by experimental and numerical results.
Furthermore, influence of the geometrical shape of the small-sized cooling fan on the internal flow condition is clarified
and design guideline to improve the performance is discussed.
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1. Introduction

Data centers have been built because of spread of cloud computing, establishment of ubiquitous networking society and increase in
rate of electric parts in machines. Then, electric power consumption in the data centers, IT devices and machines have been increasing
significantly[1]. Electric power used for cooling of the IT devices for the data centers is huge the same as that used for the IT devices
itself in the data centers and the electric power consumption of it is growing rapidly. There is a strong demand for a reduction of electric
power consumption in above facilities and equipments from the point of view of the global warming and the energy savings[2]. High
power cooling small-sized fans; high pressure and large flow rate small-sized fan, are used for servers in the data centers and there is a
strong demand to increase power of it because of increase of quantity of heat from the servers, however, increase of the power by an
increase of a fan diameter is restricted because of limitation of space. Therefore, high rotational speed design is conducted, and the
rotational speed over 10,000min is employed for the cooling fans of servers. Contra-rotating rotors have been adopted for some of the
high power cooling fans to meet the demand for high power. On the other hand, low rotational speed design[3] and advantages on the
performance of the contra-rotating fans and pumps were verified by experimental results[4],[5]. In the case of contra-rotating rotors, an
axial space becomes larger than conventional small-sized axial fans, but it is adequate choice to apply the contra-rotating rotors for
small sized-fans because the axial space can be ensured in electrical devices as compared to that of a radial space. Influence of the axial
space of the contra-rotating axial flow fan was investigated in a middle size fan[6] and a small-sized fan[7]. In the case of the contra-
rotating rotors, it is necessary to design the rotor considering unsteady flow condition[8]. Further, it is important to clarify influence of
wakes from a front rotor to a rear rotor on performance and pressure interaction between the front and the rear rotors[9]. Further, the
conventional design method and the theory for turbo machinery should be modified for small-sized axial fans because small-sized axial
fans applied to electrical devices belong to extremely small size field in turbo machinery[10]. In addition to that, there is a limitation of
space for servers and geometrical restriction for cooling fans because spokes to support the fan motor, electrical power cables and so on
should be installed in the cooling fans. Therefore, it is important to clarify complicated internal flow condition and influence of the
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geometric shape of the cooling fans on performance to achieve the high performance cooling fans. It is thought especially for the case
of the high power small-sized cooling fans that the internal flow condition is complicated because of complex geometry and design
specification of high pressure and large flow rate. Then, the internal flow condition of the high power cooling fans is not clarified.
Furthermore, the performance in detail of each front and rear rotor is not known because of extreme compact size of the high power
contra-rotating small-sized cooling fans. In the present paper, pressure curves of a contra-rotating small-sized axial fan with a 40mm
square casing are shown by the experimental and the numerical results. Difference of the pressure curves of each front and rear rotor is
discussed. Furthermore, influences of the geometrical shape and the design specification of the high power small-sized cooling fan on
internal flow condition are clarified and design guideline to improve the performance is considered.

2. Experimental Procedure and Numerical Analysis Conditions

2.1 Experimental Apparatus and Method

The test fan and the primary dimensions of the high power contra-rotating small-sized axial fan(R40W-A) are shown in Fig.1
and Table 1 respectively. The rotors of R4A0W-A was set in the 40mm square casing, and a hub tip ratio of the front and the rear
rotors were Dy/Dg=25mm/37.2mm=0.67 and D;/Dy=26mm/37.2mm=0.70 respectively. An operating flow rate was
Q,=0.55m*min and a tip clearance c=0.6mm. Design rotational speed of the front and the rear rotors of R40W-A were extremely
high as Ny= 15000min™ and N,=14000min™*. Figure 2 shows a schematic diagram of an experimental apparatus. The experimental
apparatus was designed based on the Japanese Industrial Standard and air blown in a test section passed the rotors, a chamber, a
measurement duct and a booster fan and blew out in the ambient atmosphere. Each rotor was driven by a brushless motor set
inside of the hub and the motor was supported by spokes connected to the casing. The rotational speed of each rotor was kept
constant (N;=15000min™, N,=14000min™) by a PWM control using a function generator when a performance test was conducted.
Fan static pressure (4P) was measured by pressure difference between static holes downstream of the rotor installed at the
chamber and ambient air. Further, the rotational speed was evaluated using a pulse of the motor measured by an oscilloscope. The
flow rates were measured by an orifice meter set at the measurement duct and the pressure curves from a cutoff flow rate to large
flow rate were investigated in the experiment. There were three spokes downstream of the front and the rear rotors to support the
motors and the casing had a corner curve at an inlet and an outlet of the casing and a roundness between the front and the rear
rotor as could be confirmed by a sectional view of the R40W-A in Fig.3. Therefore, there were some geometrical restrictions for
the high power cooling small-sized fan.

2.2 Numerical Analysis Method and Conditions

The commercial software ANSYS-CFX13 was used to investigate the flow condition which couldn’t be measured by the
experiment and three dimensional unsteady numerical analysis was conducted. Figure 4 shows a numerical model used for the
numerical flow analysis. In the numerical model, in order to improve accuracy of the numerical results, a simplification of the
numerical model was conducted by removing spokes downstream of each rotor, extension of the length of the front rotor hub to
the rear rotor inlet and so on as could be found by comparing Fig.3 to Fig.4. Numerical grids used for the numerical analysis are
shown in Fig.5. The numerical domains comprised the inlet, the rotor, the chamber and the outlet duct regions. The numerical grid
points were 554,345 for the inlet region, 1,170,773 for the chamber region and the outlet duct region. The numerical grid points
for the rotor region were 4,520,095 and 4,024,967 for the front and the rear rotors respectively. The tip clearance was kept 0.6mm
as the same with the experimental apparatus in the numerical analysis. At the inlet boundary, the constant flow rate was given and
the constant pressure was given as the outlet boundary condition. The coupling between the front and the rear rotors was
accomplished by the transient rotor stator. Standard wall function and LRR Reynolds Stress model was used as a turbulence
model. The unsteady numerical flow analysis was conducted at the operating flow rate Q,=0.55m*min and 3 other flow rate
points Q=0.6, 0.7, 0.8 m*/min. Time step number per one rotor rotation was 140 and the time step was t=2.857x107 s. Data of one
rotor rotation were obtained after 10 rotor rotations in the unsteady numerical analysis.

Table 1 Primary dimensions of rotors

Hub Mid Tip
Diameter [mm] 25 311 37.2
Front Rotor Blade ’_\“_meer !
Fig. 1 Picture of RAOW-A Solidity Lol 14 122
g- i Stagger Angle [deg] 18.2 31.2 36
e Diameter [mm 26 3.16 37.2
Fan motor  Chamber  oyifice flow meter L]
Blade Number 5
P ww L I T 1 o O TR T . a| Rear ROtor So||d|ty 1 03 1 17 1 1
Stagger Angle [deg] 40.6 40 455

Fig. 2 Schematic diagram of experimental apparatus
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The fan static pressure for the numerical analysis was calculated by the static pressure difference between the static holes
positions installed at the chamber and the inlet boundary of the numerical domain, which was almost the same with the
experiment. On the other hand, the fan static pressure of the front rotor was evaluated by mass averaged static pressure difference
of a sectional area at a middle axial position between the front and the rear rotor (z=24mm) and thie inlet of the numerical domain.
z is an axial position from the fan inlet. The rear rotor fan static pressure was also calculated by static pressure difference of a
sectional area between the static holes position of the chamber (z=136mm) and the middle axial position between the front and the
rear rotors. Further, dynamic and total pressure of each front and rear rotor were calculated by the same way at the same positions
of the fan static pressure evaluation. Mass averaged data were obtained by the following Mass flow average abs function defined
by the CFX.

_ T(mlo)
T Siml @

where ® represents a variable being averaged and m represents local mass flow. The air was assumed incompressive fluid, so the
density of the air was constant in this research.

1. Experimental and Numerical Results

The pressure curves of R40W-A obtained by the experiment and the numerical analysis at the design rotational speed
(Ns=15000min™, N,=14000min™) are shown in Fig.6. A horizontal axis is flow rate Q and a vertical axis is fan static pressure APs.
The maximum fan static pressure was obtained at Q,=0.55m*/min by the experiment, however the maximum fan static pressure
was obtained at Q=0.6m*/min by the numerical analysis. Further, the maximum difference of the fan static pressure between the
experiment and the numerical analysis was 22% at Q=0.6m*/min. The discrepancy between the experiment and the numerical
analysis could be caused by the design specification of high power small-sized cooling fan; a compact size with 40mm square
casing, high pressure and large flow rate and the complex geometry of the numerical model, although the simplification was
conducted compared to the experimental test model. On the other hand, the difference of the flow rate between the experiment and
the numerical analysis, where the maximum fan static pressure was obtained, were within 5% and a similarity of the negative
slope of the fan static pressure was confirmed between the experiment and the numerical analysis. Therefore, it was considered
that the numerical analysis could capture the qualitative tendency of the experimental results to some extent and the pressure
curves of each front and rear rotor and internal flow conditions were investigated by the unsteady numerical analysis results. It
was found from Fig.6 that the fan static pressure of the front rotor was lower than that of the rear rotor and the fan static pressure
of both front and rear rotors decreased with the increase of the flow rate. The fan static pressure of the rear rotor was high that the
rate of the rear rotor fan static pressure to the total fan static pressure was about 78% at the operating flow rate Q,=0.55m*/min
and the rate increased according to the increase of the flow rate.

Front Front Rear Rear
rotor spoke rotor spoke

Fig. 4 Sectional view of calculation model

Rotor region

(a) Front rotor (b) Rear rotor (c) Whole regions

Fig. 5 Numerical grids
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Dynamic and total pressure curves of the front and the rear rotors obtained by the numerical analysis are shown in Figs.7 and 8.
The dynamic pressure of the front rotor was large and almost constant in all flow rates, where numerical analysis was conducted.
On the contrary, the dynamic pressure of the rear rotor showed the negative value. These results in Figs.6 and 7 demonstrated that
large dynamic pressure of the front rotor was recovered as the static pressure by the rear rotor. The total pressure showed the
maximum value at Q=0.6m>/min and that of the front rotor was higher than that of the rear rotor in Fig.8. These results indicated
that the front rotor gave more dynamic pressure than the static pressure and high pressure gradient could work on the rear rotor
because of the large increase of the static pressure with the conversion of the dynamic pressure from the front rotor to the static
pressure by the rear rotor.

The internal flow conditions at the operating flow rate Q,=0.55m*min with the rotor rotation were investigated by the
numerical analysis results. Meridional velocity vectors on the vertical plane at the inlet of the front rotor with the operating flow
rate Q,=0.55m’/min are shown in Fig.9. A rotational direction of the front rotor is front side of the paper and that of the rear rotor
is back side of the paper. & and & represent rotation angles of each front and rear rotor leading edge from the meridional plane.
6=0deg and 6=0deg correspond a circumferential position that the leading edge of each front and rear rotor accords the
meridional plane. The relative circumferential position of each front and rear rotor is the rear rotor rotation angle is =7.7deg
when the front rotor rotation angle is 4=0.0deg. Focused on the flow condition in Fig.9(a) when leading edge of the front rotor
accorded with the meridional plane(&=0.0deg), a vortex occurred at the inlet corner curve and this vortex could be caused by the
separation of the main flow around the inlet corner. The region of the vortex became large and the vortex existed from the corner
curve to the blade tip when the front rotor passed the meridional plane about 20% of the chord length (£=10.3deg) in Fig.9(b).
Influence of the vortex on the main flow at the inlet of the front rotor was not so large by ¢=10.3deg because the vortex remained
at the corner curve at the inlet. On the other hand, the vortex moved downstream inside of the front rotor when the front rotor
passed the meridional plane 50% of the chord length (&=25.7deg) in Fig.9(c), and the flow condition near the tip of the front rotor
was influenced by this vortex.

Blade-to-blade relative velocity of the front rotor at r/r,=0.98 are shown in Fig.10. The flow rate was the operating flow rate
Q.. r and r, means radius, where the data obtained, and radius of the casing. It was observed from Figs.10(a) and (b) that the
leakage flow from a pressure surface to a suction surface near the mid of the blade chord were confirmed. The vortex observed in
Fig.9(c) in the meridional plane related to the leakage flow from the blade tip. Further, the vortex observed in Fig.9(b) could be
caused by the mixture of the corner separation and the leakage flow from the blade tip in Fig.10(b).
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Fig. 9 Meridional velocity vectors at inlet of front rotor
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The meridional velocity vectors on the vertical plane of the front rotor at the operating flow rate Q,=0.55m*min are shown in
Fig.11. The rotational direction of the rotors, the rotation angles of each front and rear rotor and the relative circumferential
position of each front and rear rotor were the same with those in Fig.9. Low axial velocity was observed in wide region on the
meridional plane in Fig.11 and the low velocity region spread radially inner section when the front rotor passed the meridional
plane about 30% of the chord length (4=15.4deg) in Fig.11(a). This flow condition caused the inclined flow to the hub side in the
front rotor. After that, the low velocity region shrunk and the strong vortex could be confirmed near the shroud in Fig.11(b) and
the vortex near the shroud became small when the blade almost passed the meridional plane in Fig.11(c).

The meridional velocity vectors on the vertical plane between the front and the rear rotors at the operating flow rate
Q0=0.55m3/min are shown in Fig.12. The rotational direction of the rotors, the rotation angles of each front and rear rotor and the
relative circumferential position of each front and rear rotor were the same with those in Fig.9. The low velocity region became
large between the front and the rear rotors when the front rotor passed the meridional plane about 65% of the chord length
(6=33.4deg) in Fig.12(a) and the low velocity region became small when the front rotor passed the meridional plane about 95%
of the chord length (6=48.9deg) in Fig.12(b). On the other hand, the flow condition at the inlet of the rear rotor became uniform
in Figs.12(a) and (b), however the flow condition at the outlet of the front rotor was not uniform in the case 6=33.4deg in

Fig.12(a).

4.0x10 |

[mi/s] .

2.0x10

Vi NG f
Meridional plane. Meridional plane.
(a) 6~10.3deg (b) 6=25.7deg
0.0
Fig. 10 Relative velocity vectors around front rotor (r/r;=0.98, Q,=0.55 m*/min)
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Fig. 11 Meridional velocity vectors of front rotor
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Fig. 12 Meridional velocity vectors between front and rear rotors
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Figures 13(a) and (b) show axial velocity and circumferential velocity obtained by the numerical analysis at the operating flow
rate Q,=0.55m*/min in radial direction at the outlet of the front rotor and the inlet of the rear rotor respectively. The vertical axis is
non-dimensional radius divided by the radius at the casing; r/r.=0.65 and r/r.=1.0 correspond the hub and the shroud. The
circumferential velocity V, is a positive in the direction of the front rotor rotation and the axial and the circumferential velocity
were the average data of each rotation angle in one rotor rotation. The axial positions of the outlet of the front rotor and the inlet of
the rear rotor, where the data were obtained, were Imm downstream of the front rotor trailing edge and 1mm upstream of the rear
rotor leading edge respectively. The axial velocity at the outlet of the front rotor was low near the shroud and became high near
the hub region by the decrease of the velocity near the shroud. On the other hand, the axial velocity at the inlet of the rear rotor
became uniform. The axial distance between the front and the rear rotor was short and it was clarified by the previous research
that the axial velocity distribution between the front and the rear rotors did not change drastically in the case of the contra-rotating
small-sized axial fan[11]. Therefore, the axial velocity at the inlet of the rear rotor would become uniform due to the casing with
the roundness between the front and the rear rotor. On the other hand, the circumferential velocity distributions were complex that
there were two peaks of the circumferential velocity near the shroud and the hub at the outlet of the front rotor and the inlet of the
rear rotor and the circumferential velocity decreased at the inlet of the rear rotor except the region near the hub.

The meridional velocity vectors on the vertical plane of the rear rotor at the operating flow rate Q,=0.55m*/min are shown in
Fig.14. The rotational direction of the rotors, the rotation angles of each front and rear rotor and the relative circumferential
position of each front and rear rotor were the same with those in Fig.9. It could be found that there were a back flow and a vortex
near the shroud and the hub. Further, the size of the vortex became large with the rotor rotation and the axial velocity at the mid of
the span increased by a blockage effect of the vortex near the shroud and the hub in Figs.14(a) and (b). The blade-to-blade relative
velocity of the rear rotor at r/r,=0.98 are shown in Fig.15. The flow rate was the operating flow rate Q,. Leakage flow from the
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4.0x10 Fig. 13 Velocity distributions at outlet of front rotor and inlet of rear rotor
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Fig. 15 Relative velocity vectors around rear rotor (r/r;=0.98, Q,=0.55 m*/min)
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pressure surface to the suction surface near the mid of the blade chord were confirmed in Figs.15(a) and (b). The back flow region
related to the leakage flow of the rear rotor was larger than that of the front rotor. The blade-to-blade relative velocity of the rear
rotor at r/r.=0.81, which is the mid of the span, are shown in Fig.16. It could be found that a separation occurred on the suction
surface near 60% of the blade chord. These would be caused by large adverse pressure gradient in the axial direction of the rear
rotor that could be confirmed by the pressure curves in Fig.6. Therefore, the pressure gradient in the axial direction of each front
and rear rotor should be modified for improvement of the performance; the fan static pressure balance between the front and the
rear rotors should be modified. Figures 17(a) and (b) show the axial velocity and the circumferential velocity obtained by the
numerical analysis at operating flow rate Q, in radial direction at the outlet of the rear rotor respectively. The circumferential
velocity V; is a positive in the direction of the rear rotor rotation and the axial and the circumferential velocity were the average
data of each rotation angle in one rotor rotation. The axial position of the outlet of the rear rotor was 1mm downstream of the rear
rotor trailing edge. The axial velocity near the shroud was low and flow at the outlet of the rear rotor inclined to the hub side. The
maximum axial velocity was over 20m at the outlet of the rear rotor. On the other hand, the relatively large circumferential
velocity existed at the outlet of the rear rotor at the operating flow rate Q,. The circumferential velocity downstream of the rear
rotor could become the loss, so the reduction of the circumferential velocity downstream of the rear rotor is important to improve
the performance.

4. Concluding Remarks

The pressure curves of high pressure and large flow rate small-sized contra-rotating axial flow fan were investigated by the
experiment and the numerical analysis. In addition to that, the internal flow conditions at the operating flow rate were clarified by
the numerical analysis results. As a result, following concluding remarks were obtained.

1. The fan static pressure of the rear rotor was larger than that of the front rotor. On the other hand, the total pressure of the
front rotor was larger than that of the rear rotor.

2. There were the large back flow regions near the shroud of the casing in both front and rear rotors. The back flow region near
the shroud of the rear rotor was larger than that of the front rotor. The balance of the fan static pressure between the front and the
rear rotors should be modified for the further increase of the performance.

3. The circumferential velocity remained downstream of the rear rotor at the operating flow rate. Therefore, the deduction of
the circumferential velocity is important to reduce the loss downstream of the fan.
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Nomenclature

c Tip clearance [mm] Qo Operating flow rate [m*/min]
Dy, Diameter of hub [mm] r Radius [mm]
D, Diameter of tip [mm] re Radius of casing [mm]
m Local mass flow[kg/s] z Axial position from front rotor inletfmm]
N Rotational speed [min™] ) Variable
Ng Design rotational speed [min™] 2] Rotational angle [°]
APy Dynamic pressure [Pa] Subscripts
AP, Fan static pressure[Pa] f Front rotor
AP, Total pressure [Pa] r Rear rotor
Q Flow rate [m*min] d Design point
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