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ABSTRACT-In this study, we conducted a vibration fatigue analysis of the lower control arm in a vehicle suspension
system. The vehicle was driven during the tests so that the dynamic effects could be taken into account. The dynamic load
of the frequency domain was superimposed on the frequency response analysis. We performed a virtual proving ground
test using multi-body dynamics, along with a finite element analysis and fatigue life predictions. Shape optimization was
also considered using the design of the experimental approach, and a response surface analysis was performed to improve
the durability performance of the lower control arm. We identified the elements that had the most influence on the optimal
shape of the finite element model and analyzed the sensitivity of those elements. Then the optimal points that minimized
the amount of damage to the areas of interest were determined through a response surface analysis. The results suggested
that the fatigue life of the model increased as its mass was not increased excessively, and demonstrated that these design
procedures yielded an appropriate optimized lower control arm model.

KEY WORDS : Vibration fatigue analysis, Response surface analysis, Vehicle dynamic analysis, Frequency response
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1. INTRODUCTION

The fatigue life of a structure is generally predicted in the
final stages of the design process since the stress and
strain profiles required for the analysis can be obtained
from a prototype. A durability analysis can be easily
mistaken as the only procedure used to confirm whether a
designed model is adequate. Accurate predictions of the
fatigue life are as important as other design procedures
since they permit the designer to reduce the amount of
materials and cut other structural costs.

Accurate predictions of the fatigue life of various parts
of a vehicle are very important when it comes to the
overall vehicle design. The designer performs a durabi-
lity analysis of each part in the early stages of the design.
Driving tests on a durability test road and road simulators
allow the designer to obtain load profiles upon which the
durability analysis is based using finite element models
of each part (Bishop et al., 2000; Haiba et al., 2003).
Durability analyses are also performed using simulations
based on a virtual proving ground test approach, which
takes into account the cost and time invested (Kim et al.,
2002). Considerable efforts have been made to optimize
the models to improve the durability performance in
terms of the reliability of the design (Choi er al., 2005a,
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2005b).

In a vibration fatigue analysis, the dynamic load in the
time domain obtained through a conventional driving test
is first converted into the frequency domain using a fast
Fourier transformation. It is then superimposed upon the
outcome of a frequency response analysis to obtain the
durability life of a structure (Dirlik, 1985; Bishop and
Sheratt, 1989). This approach yields a more accurate
evaluation of the durability life since it considers excita-
tions that occur in the structure up to its natural frequ-
ency. Thus, a vibration fatigue analysis is suitable for
structures that are sensitive to vibrations, including sus-
pension system parts such as the lower control arm (Lee
et al., 2003; Jung and Bae, 2005).

In this study, we calculated the dynamic load obtained
during a Belgian road virtual proving ground test using
ADAMS (1998), a commercial code for sport utility
vehicles (SUVs). We confirmed that resonance occurred
while driving on Belgian roads based on a mode and
frequency response analysis of the lower control arm. We
performed a vibration fatigue analysis to evaluate the
durability life of the lower control arm and optimized the
shape of the arm using the design of the experiment and
response surface approaches. We then proposed a model
to improve the durability life of the lower control arm
while maintaining its weight. MSC/NASTRAN (2002)
was used to obtain the mode and frequency response,
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while MSC/FATIGUE (2003) was used for the durability
analysis.

2. VIBRATION FATIGUE ANALYSIS

2.1. Theoretical Background

In general, one can use either a quasi-static fatigue ap-
proach or a vibrational fatigue approach to perform a
durability analysis. A quasi-static fatigue analysis evaluates
the fatigue life by combining the results of a static struc-
tural analysis with those of a calculated dynamic load
profile. Thus, the approach is valid when the structure is
not subjected to the dynamic behavior effects. A vibration
fatigue analysis includes the dynamic effects of the struc-
ture. Unlike a conventional S-N approach, however, it
requires the power spectral density of the frequency
domain of the load profile along with the outcome of the
frequency response analysis of the subject model (Bishop
and Sheratt, 1989). It converts the dynamic load from the
time domain to the frequency domain using a fast Fourier
transformation and calculates the stress distribution as a
function of frequency using a power spectral density
function. If the input is in the format of a power spectral
density, the output will also be in the format of a power
spectral density, making it impossible to calculate the
fatigue life. Thus, the spectral moment must be calculated
from the power spectral density and then converted into a
probability density function, from which the fatigue life
can be computed.

2.2. Fatigue Analysis Approach for Damage Rates

In a vibration fatigue analysis, the damage rate, D, can be
represented using a modified form of the conventional
Miner’s rule (Lee et al., 2005):
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where 7, is the total number of cycles in the i block of

the constant-stress amplitude S,; N;; is the number of

cycles to failure under S,;, and k is the total number of

blocks. Failure occurs when D 2= 1.

Bendat (1964) assumed that all the peaks of a narrow-
band random process have counter-peaks of the same
height, since the probability density function of such peaks
has a Rayleigh distribution. Based on this assumption, he
suggested an approach to calculate the fatigue life from
the stress power spectral density. This approach, however,
tends to predict a fatigue life that is too short when
applied to a wideband random process.

The damage rate proposed by Dirlik (1985) for a
fatigue analysis of a wideband random process is:
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where E[P] refers to the expectation value of the peak,
while S, is the constant-stress amplitude on the entire
block, f5.(S,) is the probability density function for the
stress amplitude S,, and b and m are the intercept and
slope of the measured S-N plot. The corresponding
probability density function fs,(S,) can be obtained using
a Monte Carlo technique and assuming that f5,(S,) has an
impact on the fatigue life of a wideband random process
analysis:
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where D,, D,, D,, and R are all functions of M,, M,, M,
and M,, respectively, and Z is a normalized variable.

The probability density function f5,(S,), given above is
represented by a complicated formula but can be calcu-
lated from the four factors M,, M,, M,, and M,, which are
area moments obtained from the stress power spectral
density. These four factors represent the specific values
of the area, and the average and distribution of the power
spectral density.

Based on Dirlik’s empirical closed-form expression,
Bishop (1988) proposed a theoretical formula to predict
the range of the rainflow out of the area moment of the
power spectral density. However, Dirlik's approach is more
widely used for vibration fatigue analyses, since it is easier
to calculate and generates better results.

3. VEHICLE ANALYSIS MODEL

3.1. Multibody Dynamic Model for a Virtual Ground
Proving Test .

A virtual proving ground test performed to calculate the
dynamic load applied to the parts of the suspension. A
four-wheel drive SUV was used with front wheel
McPherson struts and a rear wheel double wishbone
suspension system. The entire vehicle model is depicted
in Figure 1, and its components are listed in Table 1. A
commercial program, ADAMS/View, was used to model
the suspension and perform the virtual proving ground
test. The vehicle model properties are listed in Table 2.
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Figure 1. Vehicle dynamic model for the the virtual
proving ground test.

Table 1. Components of the vehicle model.

Table 2. Vehicle model properties.

Component mass

Gross vehicle (kg) 2068

Chassis (kg) 1851
Moment of inertia of the chassis

Roll moment of inertia (kg mm?) 507.29E-6

Pitch moment of inertia (kg mm?) 3501.11E-6

Yaw moment of inertia (kg mm?) 3805.30E-6

Front suspension
Spring stiffness (N/mm) 27

Damping rate Figure 2 (a)

Component Number Rear suspension

Moving parts 63 Spring stiffness (N/mm) 51

Cylindrical joints 2 Damping rate Figure 2 (b)

Revolute joints 7 Stabilizer bar (N mm/deg) 40344

Spherical joints 10 Tire

N e

Hooke joints 4 Vertical stiffness (N/m) 170

Motions . Lateral stiffness (N/m) 50
Cornering stiffness (N/m) 69.87

Degree of freedom 69

The kinetic behavior of the suspension was considered
to compute the loading encountered during the virtual
proving ground events in the attachment elements of the
chassis. Since the body was a fully developed product, it
contained sufficient stiffness to cause deformation, which
affected its handling performance. Thus, the body model
was assumed to be completely rigid in vehicle simulations
at a relatively slow speed of 20 kmv/h (Heinrietz et al.,
2003; Berzri et al., 2004; Ghosh and Medepalli, 2005).

The front wheel suspension system included the lower
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Figure 2. Nonlinear damper properties.

control arms, knuckles, shock absorber assembly, and a
subframe. These components were connected to each
other with a variety of attachment elements, such as
bushings and joints.

The knuckle is joined rigidly to the strut and connected
to the lower control arm with a spherical joint to form a
ball joint. In the model of the force elements, the spring
element is approximated as being linear, and the damper
elements which are embodied in spline curves that were
obtained from a characteristic test of the damper were
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used to consider the nonlinear behavior; the tire is the
modeled part with shape, mass and stiffness as prototype.
Figure 2 shows the damper properties.

The input data required for the dynamic load analysis
included wheel loads measured simultaneously on the
four wheels while driving. However, the driving test is
normally performed by attaching a wheel tranceducer
either to the front or rear wheel. Therefore, in this study,
in order to obtain the load profile in the front wheel, six
axis loads on the right and left front wheels were entered
into the system to obtain the dynamic loads for the
durability analysis. Vertical displacement values obtained
by integrating the acceleration signals twice were used
for the rear wheels. The forces obtained at the front wheel
parts, such as the ball joint, spring, damper, tie rod end,
and stabilizer bar link, were analyzed. In addition, as the
vehicle model could be unstable in cases of the wheel
loads being imposed without constraints of the vehicle
model in the boundary condition (Kim et al, 2003),
vehicle bouncing, pitch and roll were only considered by
restraining translational motion in the x and y axies, and
rotational motion in the z axis of the mass center of the
body model considering x, y directional motion and yaw
being small i‘P the virtual driving test. Figure 3 depicts the

Mass center of
chassis

B
Rotation x, y axes

g -~ Displacement z . 3
Transtation z axis i \

axis

6-Auds wheel
forces
Y
Displacement z
axis

forces

Figure 3. Load and displacement input for computing the
dynamic load.
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Figure 4. Finite element model of the lower control arm.

Table 3. Lower control arm properties.

FE model information

Node 16811
Shell element 17084
Properties

Young's modulus (Mpa) 2.1E5
Poisson's ratio 0.3
Density (kg/mm®) 7.9E-6
Yield strength (Mpa) 410
Ultimate tensile strength (Mpa) 550
Mass (kg) 3.62

load input and displacement conditions for the virtual
proving ground test.

3.2. Finite Element Model of the Lower Control Arm
The finite element model shown in Figure 4 was used to
conduct the durability analysis of the lower control arm.

Since the lower control arm was made of a thin plate, it
was modeled using shell elements. The front and rear
bushings were joined to the subframe and a ball joint
connected the knuckle. Since the lower control arm was
connected to the cross member with two bushing
elements, the point at which they were joined was fixed
as the center and the analysis loads were imposed at the
ball joint. The force analysis loads were therefore the
loads of the x- and y-axes of the ball joint. The material
properties of the finite elements used for the analysis are
listed in Table 3.

4. VIBRATION FATIGUE ANALYSIS

4.1. Process

A vibration fatigue analysis that considers dynamic effects
is not much different from a fatigue analysis performed in
the time domain, except that we work in the frequency
domain and require a fatigue modeler to transform the
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Life Prediction

Figure 5. Schematic diagram of the vibration fatigue
analysis.
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Figure 6. Dynamic load profile of the ball joint
transformed into the frequency domain.

stress power spectral density to the rainflow cycle histo-
gram. The vibration fatigue analysis procedure is illustrated
in Figure 5.

4.2. Calculation of the Dynamic Load in the Frequency
Domain

The dynamic loads of the x- and y-axes of the ball joint in
the frequency domain can be obtained using a fast
Fourier transformation of the dynamic loads in the time
domain calculated from the virtual proving ground test.
These are shown in Figure 6, which indicates that the
lower control arm was excited up to 500 Hz while driving
on the Belgian roads. The mode analysis showed that the
natural frequency of the lower control arm was 294 Hz,
which is within the range of excitation. Therefore, dynamic
effects cannot be ignored in the durability analysis. It is
desirable to evaluate the durability life of the lower
control arm using a vibration fatigue analysis. Figure 7
shows the primary natural frequencies obtained through
the mode analysis.

4.3. Frequency Response and Vibration Fatigue Analysis
A frequency response analysis was performed at 2-Hz
intervals from O to 500 Hz. A unit load was applied in the
x- and y-directions at the ball joint. The maximum stress
occurred at node 945, which was located on the curve
under the front bushing. Figure 8 shows the outcome of
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Figure 7. Primary vibrational mode of the lower control
arm.
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Figure 8. Stress distribution of the lower control arm
when excited at 0 Hz (unit load).

the frequency response analysis at 0 Hz. When the
maximum principal stress distribution from the frequency
response analysis and the dynamic load profile were
superimposed on the vibration fatigue analysis, the highest
damage rate was 3.06 x 107 at node 945. Table 4 lists the
five nodes with the highest damage rate in descending

Table 4. Damage rate based on vibration fatigue analysis.

Node

Damage rate (Damage/sec) Life seconds

945 3.06E-08 3.27E+07
11951 1.97E-09 5.07E+08
11952 1.90E-09 5.27E+08

881 1.70E-09 5.89E+08

853 1.62E-09 6.17E+08
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order. Node 945 had more than 10 times the amount of
damage as any other node. A reduction in the damage
rate of the most susceptible node should be the target of
an optimal design.

5. OPTIMAL SHAPE DESIGN

A durability analysis of the baseline model permitted us
to select the control factors and their levels. Based on the
sensitivity of each factor, which could be assessed using
the design of the experimental approach, the optimal
lower control arm shape could be obtained using the
response surface method. The aim of this procedure in
our study was to reduce the damage rate of node 945,
which was found to have the highest damage rate in the
preceding analysis, and the mass of the optimized model
is not to exceed 105% of the mass of the baseline model.

Minimize damage rate of node 945
Subject to Mass < Mass_initial X 1.05 9

5.1. Selection of the Control Factors and Levels

The control factors for the shape optimization are shown
in Figure 9. We focused on areas where the stress was
concentrated and selected the following as control factors:
the width and radius of four spots A, B, C, and D, and the
thickness of upper shell E and lower shell F. Each factor
was defined as having three levels. Each level was adjust-
ed to be 10% greater or smaller than the baseline value.

5.2. Detection of Major Factors based on the Design of
Experiment Approach

The design of experiment (DOE) approach was used to
effectively identify the effect of the control factors (Phadke,
1989). Using this approach, the designer is able to deter-
mine the effect that each variable (factor) has on the

: Width of rear bushing arm

: Radius of front bushing round
: Radius of hole

: Width of ball joint arm

: Thickness of upper plate

: Thickness of lower plate

v
THoQwE e

Figure 9. Control factors of lower control arm shape.
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Figure 10. Optimal design process using the design of
experiment approach.

outcome (target value) and calculate the variable value
(level of factor) that meets the optimal conditions. The
sequence of the general design of experiment approach is
described in Figure 10.

An orthogonal array was used to perform an analysis
of the means and examine factors that affected the target
values. The analysis was performed with three levels for
each of the six types of control factors using a proper
L»(3") orthogonal array. Shape of the lower control arm
for each simulation was obtained by using HyperStudy,
and fagitue analysis was performed by using MSC/
FATIGUE respectively. Table 5 shows the orthogonal
array and the results of the durability analysis at node 945
for different control factor levels. As was the case in the
baseline model, the damage rate at node 945 was much
higher than that at any other node. Table 6 lists the
damage rates for three highest nodes for the cases with
the highest and lowest total damage rates.

The effect of the factor level can be identified using the
design of experiment approach based on the orthogonal
array. The effect of the factor level is defined as the
deviation between the average balanced by the factor
level and the overall average balanced across the entire
scope of the experiment. Figure 11 shows the main effect
of each factor. The figure indicates that the control factors
that were sensitive to specific values were the widths of
the arm and the thicknesses of the upper and lower shell:
factors A, D, E, and F. For the E and F factors, which
were the thicknesses of the shell. The damage rate varied
almost linearly with the change in the level, indicating
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Table 5. Orthogonal array and damage rate by simulation.
Run{A B C D E F |DamageRate Mass (kg)

1|11 1 1 1 1 1] 541E-08 3.27
2 |1 1 2 2 2 2| 1.59E-08 3.56
3 (1 1 3 3 3 3| 547E-09 3.84
4 11 2 1 2 3 3| 6.74E-09 3.90
5|1 2 2 3 1 1| 547E-08 3.26
6 |1 2 3 1 2 2| 149E-08 3.53
7 |1 3 1 3 2 2| 8.10E-09 3.59
8 {1 3 2 1 3 3| 7.01E-09 3.86
9 |1 3 3 2 1 1| 502E-08 3.24
0(2 1 1 3 3 2| 754E-09 3.80
1m |2 1 2 1 1 3| 166E-08 3.55
12 (2 1 3 2 2 1| 234E-08 3.44
132 2 1 1 2 1| 243E-08 3.48
412 2 2 2 3 2| 447E-09 3.77
1512 2 3 3 1 3] 1L71E-08 3.54
6 (2 3 1 2 1 3| 462E-09 3.58
17 (2 3 2 3 2 1| 299E-08 3.47
18 (2 3 3 1 3 2| 931E-09 3.74
19 (3 1 1 2 2 3| LOBE-08 3.80
2013 1 2 3 3 1] 1.11E-08 3.68
2113 1 3 1 1 2] 233E-08 3.44
213 2 1 3 1 2| 287E-08 3.49
23 13 2 2 1 2 3| 443E-09 3.7
24 13 2 3 2 3 1) 1.16E-08 3.66
25 (3 3 1 3 3 1] 143E-08 371
26 {3 3 2 1 1 2| 273E-08 3.46
27 {3 3 3 2 2 3| 107E-08 3.75

Table 6. Simulation of the minimum and maximum
damage rates and comparison.

Base Run #5 Run #23

Node 945  3.06E-08 5.47E-08
gf;“age Node 11951 1.97E-09 7.94E-09 9.28E-10
Node 11952 1.90E-09 7.98E-09 9.36E-10

4.43E-09

Mass (kg) 3.62 3.26 3.77

that the damage rate decreased as the upper and lower
shell became thicker. Therefore, an improved lower
control arm shape could be obtained if the A and D
factors were chosen for a response surface analysis.

5.3. Response Surface Analysis

A response surface analysis is a statistical approach that
analyzes the response surface when several variables
combine to produce a complex effect on a certain response
factor (Park, 2003). A regression analysis was performed
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Figure 11. Plots of the factor effects.

to determine the damage rates of the lower control arm in
the form of a function of the two control factors so that
we could find the optimal shape that would enhance the
durability life of the arm. A quadratic regression function
obtained using a central composite design (CCD) can be
expressed as

2 2 2
y=06+ Zﬁixi “”z Bix;; + Zﬂzjxixj +te, (10)
i=1 i=l i<j
where y, £, and x; are the response factor, regression
coefficient, and control factor, respectively, and e is the
error term. The experimental points of the CCD used to
adjust the second response surface included 2* experi-
mental points of the 2* factor experiment, 2k axis points,
and n (1) central point.

We analyzed a total of nine spots with one central spot
as well as axis points of 1.414 and —1.414 on the two
axes. Based on the design of experiment approach using
an orthogonal array, the factors of A and D were linearly
converted into x; and x, using

W(%)=5+2.5x, {an
where W refers to factor A or factor D and x is each
linearized factor for the response surface analysis. How-
ever, considering the effect and cost of the overall
system, the mass of the optimized model was set to not
exceed 105% of the mass of the baseline model. For the
same reason, the B, C, E, and F factors were fixed at
levels 3, 1, 2, and 2, respectively. Also regression functions
were obtained using MINITAB, which is a commercial
statistics code. Table 7 gives the factor levels for the
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Table 7. Results of the response surface analysis.

Run x1 x2 Damage Rate Mass (kg)
1 -1 -1 9.42E-09 377
2 -1 1 6.06E-09 3.78
3 1 -1 5.93E-09 3.82
4 1 1 5.18E-09 3.83
5 0 0 4.71E-09 3.80
6 | -1414 0 8.58E-09 3.77
7 1.414 0 5.38E-09 3.83
8 0 -1.414 5.41E-09 3.80
9 0 1.414 4.97E-09 3.83

response surface analysis and the corresponding results.
A quadratic regression function of the damage rate and
mass based on the above results is

yp=47112x107° = 1.1124x107° x,
~5.9193x107%x, +1.2745x107°x2  » (12)
+3.7896x107%x3 +6.5100x 107" x,x,

ymass

=3.082 +0.0223x, +0.0069x, ~ 0.0029x (13)
+0.0036x3 - 0.0015x,x,

Coefficient of determination, R? in regression fuctions
in terms of damage rate and mass are 0.924, and 0.961
each. As a regression fuction could be determined to be
appropriate when R’ is lager than 0.7 (Park, 2003), it is
also appropriate to approximate control factor as a
quadratic response surface.

Eigenvalues obtained through a canonical analysis
indicate that the optimal spot is the minimum point since
the signs of eigenvalues 4,=1.380x10™ and 4,=2.732x
107" are positive. Values that minimize the damage rate
can be determined using a contour plot.

Figure 12 shows a contour plot of the two converted
factors x; and x,. A plot created by pairing up the two
factors indicated that the minimum damage rate, 4.39X
107, was obtained for a mass of 3.81 kg when the response
factors x, and x, were 0.304 and 0.520, respectively.
Therefore, the optimal model was obtained when the
width of factors A and D were 5.76% and 6.30% thicker
than the baseline model, which increased the mass of the
lower control arm by 5.3%. Another test was performed
to verify the optimal value obtained through the response
surface analysis; these results are shown in Table 8. The
damage rates calculated from the verification test and the
response surface analysis agreed with each other to
within 2.2%. The two masses were within 1.8%.

The optimal damage rate was 2% lower than the
minimum damage rate when the design of experiment
procedure was used. However, the damage rate can be
reduced further if the levels of factors B, C, E, and F are

X2

X1

Figure 12. Contour plot of factors x; and x,.

Table 8. Damage rate and mass of the optimized model.

Response surface Confirmation Error

analysis experiment (%)
Damage rate 4.39E-09 4.48E-09 2.02
(Node 945)
Mass (kg) 3.81 3.75 1.80

changed to equivalent levels as the response surface
analysis is performed.

6. CONCLUSIONS

This study evaluated the durability life of a lower control
arm, which is a suspension component in a vehicle. The
evaluation considered the dynamic effects of the arm.
The analysis was performed using the design of experi-
ment approach and a response surface analysis to increase
the durability life of the arm. The following are the
summary and our conclusions.

(1) We converted the dynamic load profile of the suspen-
sion system in the time domain obtained during a
virtual driving test into a power spectral density and
used a probability density function to evaluate the
durability life while considering the dynamic charac-
teristics of the system. We also conducted a frequ-
ency response analysis within the excitation range.

(2) We selected six control factors representing the lower
control arm shape and applied an experimental sensi-
tivity approach to analyze their relative importance.
Each factor had three levels, and we performed a test
using the L,;3" orthogonal array to identify its sensi-
tivity.
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(3) The most sensitive four factors were identified using
the design of experiment approach. Based on this
result, we obtained an improved lower control arm
model using a response surface analysis. Using a
central composite design, we selected nine experi-
mental points to form the response surface and
obtained a quadratic regression function for the mass
and damage rate based on the outcome of the analysis.
The optimal points that minimized the damage rate
of the area of interest were identified using a regre-
ssion function. The mass of the model increased with
the level of the control factor and the change in the
damage rate over the change in mass was relatively
large. Therefore, when selecting experimental points
for the response surface analysis, we adjusted the
mass of the lower control arm to remain at a level
similar to the mass of the baseline model.

(4) The response surface analysis showed that the mini-
mum damage rates were achieved when the two
response factors x, and x,, had values of 0.304 and
0.520, respectively, yielding a damage rate of 4.39x
10 and a mass of 3.81 kg. The differences between
the damage rate and the mass obtained using the
regression function and those obtained from a verifi-
cation test were 2.02 and 1.80%, respectively, which
are sufficiently small.

The study demonstrated that a systematic design ap-
proach could be used to enhance the durability perfor-
mance of a vehicle by reducing the damage to the lower
control arm and thus the front wheel suspension system.
Such an approach would be valid for other cases that
require a performance analysis that considers dynamic
effects.
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