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Abstract

A structura) modification technique for reducing structure-borne noise of vehicles using a sensitivity anatysis is suggested.

To estimate the noises gencrated by the vibration response, a semi struciure-acoustic coupling analysis was exploited. As a

result of the coupling analysis, severe noise generating positions are identified whose vibrations should be cured through

structural modifications. Formulation for the sensitivity analysis of those severe vibration responses with respect to the

design changes is derived to enhance the vibration response. Special attention is given in this paper to the use of the

experimentally measured vibration responses in the sensitivity analysis. As a result of the proposed method, the structural

modifications can be performed accuratcly by using experimental data instead of using the finite element method though the

higher vibration modes are considered as long as the vibration measusement and acoustic mode calculations are accurate.

Effectiveness of this method was examined using an example model by experiments.

1. Introduction

Many researchers in automotive industry have studied
the problem of noise and vibration reduction when
designing vehicle structures for the past few decades[1].
As well known, vibration and noise in operating vehicles
mainly come from unbalance forces in engine and tire
forces caused by irregular road profiles[2). These forces
excite structure, propagate into car interior, and sometimes
drive the system into the resonant states. Since an enclosed
sound field has its own acoustic modes, when structural
and acoustic modes are closely coupled, then any tiny
vibration force can generate severe noise. Among
structural vibration sources, the spectral components up to
200 Hz highly affect on the boorming noises [3]. To deal
with the structure bome noises, detailed analyses on both
structural and acoustical systemns are necessary to identify
the energy propagation characteristics between the two
media. Many numerical technigues, which deal with these
coupled systems, have been developed [4,5].

To reduce the structure borme noises effectively, as one

of appropriate intermediate procedures, the structural
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dynamics modification (SDM) is needed. Numerical SDM
techniques using FEM have been popular in vehicle design
since the methods can predict the notse and vibration level
at the design stage and can examine the modification
effects easily. But 1o do correct FE analysis, an accurate
FE model that has dynamic characteristics close to its real
structure up to medium and/or higher structural modes is
essential because the structure borne noises are affected
mostly by those vibration mt;&cs. However for maost real
complex structures, it is difficult to get the accurate FE
structural model up to medium and/or higher modes
because there are many uncertainties and limitations in
modelling the structures.

To overcome this difficulty, a structural modification
method using experimentally measured frequency
response function (FRF) of a structure is suggested in this
study to broaden the usage of SDM to medium and/or high
structural modes. The sensitivity of vibration response, i.c.
the variation of vibration response at the frequency of
interest with respect to design changes is formulated. A
simplified structure-acoustic coupling analysis is adopted
to identify how the vibration response affects on the
interior noise of vehicles. The vibration and acoustic
characteristics of vehicle can be considered separately
through the simplified coupling analysis. Finally, efficient

structural modifications are determined effectively by
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combining the vibration response sensitivity and the
structure-acoustic coupling analysis. As an example,
experimental results for a half-scale model car were
illustrated to show the effectiveness of the proposed
method.

I. vibration Response Sensitivity Analsys

In this section, the first order sensitivity of FRF with
respect to design change is derived. Based on the FRF
sensitivity, the change of vibration response due to design
change is analyzed. From the frequency domain analysis,
the relation between the vibration response {x(b,®)}and
the external force{f(w)} of a swuctural system having n
degrees of freedom at frequency @can be written as

follows:
[0 M(B) + ixC(b) + K(B){x(b. @)} = { (@)} I
{x(b,w)} =[-m’M(b)+fmC(b)+K(b)r {f(e} )]

where M(b) | C(b) and K(b)are mass, damping and
stiffness matrices (n-by-n) of the structural system, and
denotes a design variable such as mass, stiffness and
thickness of the system of interest. From equations (1) and
(2), dynamic stiffness matrix D(b,w)and frequency
response matrix Hib,w)of the system can be defined as

follows:
D(b,0) = -’ M)+ iwC () + K (b) 3)
H(b,w) = [-0*M(b) + iC(b) + K(®)]” @

The relationship between the dynamic stiffness matrix
and the frequency response matrix can be expressed from
equations (3) and (4) as

D(b,w) H(b,w)=1 (5
By differentiating equation (5) with respect to design

variable b, we can have the seasitivity of frequency
response matrix as

3H(b ®) _

1 OD(b, @)
% Dby —— o H(b,®) 6)
o _ 2 OM(b) | . IC(B) 8K(b)]
=-H{b.0) -0 3 +io % + » H(b,w)

Hence the sensitivity of vibration response ¥, (for
i=1,2,...,n) with respect to design variable b, denoted
by S.(.@)can be obtained from equations (2), (4) and (6)
as follows:

_ (b o Hb,»)){f( @)
Salbuw) == == £
= | Hb,w), [‘?D“”]H(b ) f (@)} M
_ L MB) . ICB)  IK(B)
= LH(b,w}Ji[-w % +iw % ]{ x(b,w)}

where LH(b.@)}; is the i-th row vector of H(b,®).

L)), and {x(b,)} in equation (7) can be acquired
from experimental measurements of the real systems, If
the structural modifications are undertaken at »,, degrees
of freedom, the derivative of dynamic stiffness matrix, i.e.
X )ln equation (7) has n,,, non-zero rows and columns
obvlonsly. Hence, FRFs between the vibration measuring
position i and degrees to be modified, and vibration
responses at degrees to be modified, which is vsually very
small number compared to the entire degrees of the
system, are necessary to calculate the sensitivity in
equation (7). Thus the sensitivity analysis can be
performed accurately and also effectively using
experimental data instead of using the finite element
model up to higher vibration modal frequencies.

To obtain the sensitivity described in equation (7), the
derivatives of mass, damping and stiffness matrices with
respective to design variable are needed. There are two
general approaches in calculating these derivatives. The
first one is to use a closed form solution, which is feasible
if any analytical expression of dynamic stiffness matrix is
available, But its feasibility is limited only to simple
structural modifications such as lumped mass, stiffness,
beam and plate modifications. An alternative approach,
which is always feasible but more complex, is calculating
the sensitivities via the finite difference methods. Many
different schemes for these finite difference calculations
have been suggested for modifying complex structural
components, but because of their high computational costs
during the repeated calculations, it is recommended to use
only the approximate first order differences [6]. In this
paper, simple lumped mass modifications will be dealt as
an example,

f. Semi Structure-Acoustic Coupling Analysis

In order to reduce car interior noise effectively, the
study on the interactions between interior noise and
structural vibration is important. Interior noises caused by
structural vibrations, i.e. structure-borne noises, can be
predicted through the structure-coupling analysis.
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However a complete analysis on the coupling of structural
and acoustic systems needs huge computations and
sometimes it is not realistic, so a semi-coupling analysis is
conducted in this work. Basically this analysis assumes
that surface motions of a structure affect acoustical
behaviors in an enclosed cavity, but the effects of the
acoustical behaviors on the surface motions are negligible.
This assumption is usually adequate in the case when the
output impedance of acoustical system is large enough to
assume the structural surface as a rigid one. Thus most
vehicles, which have relatively stiffened surface, are good
enough to apply this assumption. In this case, acoustic
pressure can be expressed by using the Green' s function
approach[7,8]. Acoustic pressure at a specific receiving
position £, and at a frequency @ can be written as

6P,

P{pr'w)= p'wz Qla)

) J (e, xN(p,o,w)ds] ®)

where P(p,.0)is pressure level at position Prin cavity
and at frequency o, p,is the density of acoustic medinm
in cavity, and c.is the speed of sound. ¢/“(p,)is the X-th
acoustic mode shape at p,,Qis the k-th acoustic
resonance frequency, § is the boundary surface, x,(p,,,@)is
the vibration response orthogonal to the boundary surface,
and p,,denotes position vector defined on the surface.

To apply the theoretical result in equation (8) to
experimental analysis of this paper, the surface integration
in equation (8) is approximated to be the summation of
small sub-integrations by adopting the Trapezoidal
integration rule. Through this approximation, integration
in equation (8) becomes the weighted inner product of two
vectors. Considering design variable b together, the vesult
is given as

Plp..@)=p,0’ ZZ[Q?;,("’

9:7Y Wix(5,@) }] )

where {¢{”}is the k-th acoustic mode shape vector
defined on n, surface nodes, x(b,w)is the measured
vibration response orthogonal to the boundary surface
defined on ng surface nodes. W is area weighting matrix
{n¢-by-n;) whose components include the information on
sub-areas adjacent 10 measurement nodes. In this paper,
rectangular sub-areas are nsed to determine the weighting
matrix W. Acouwstic pressure described in equation (9) can
be divided into two parts, i.¢. acoustic and structural parts
as follows:

P(p,,b.0)={3.(p,.0)} {x(b.w)} (10)

T

where {S,(p,.@)}= paw’c’Z[n?:, @) @ "’}’W} .11

{5,(p,-@)} means the sensitivity of acoustic pressure
with respect to the structural vibration and it depends only
on the acoustic characteristics of cavity. It is interesting
that through equation {10), the vibration behaviors and
acoustical characteristics can be considered separately
using the analyses of differgnk' two media to predict the
resulting structure borne noises. Resultantly, the
sensitivity of acoustic pressure with respect to the design
change denoted by {S.(e.®}}can be obtained by
combining the vibration response sensitivity in equation
(7) and acoustic sensitivity in equation (11} as follows:

aP(p,.b. d
Sﬂ(pr'b' l’l’) = —(p:»:ﬂ = {sa(p(' m)}r g {X(b, m)}

={s,(p,. @)} {5, (6.0} (12)

where {S,(,®)}is the sensitivity vector whose
components are {S,(b.@)}(for i=1,2,...,n,) defined in
equation (7). The effect of structural modification on
interior noise can be effectively examined using cquation
(12).

IV. Determination of Structural Modification

Structural modification for reducing interior noise is
determined based on the sersitivity analysis described in
equation (12). In the calculation of sensitivity S,(p,.b,®)
the sensitivities of vibration responses at ali of #; nodes on
the boundary surface, i.c.{S(b.w)},are needed to be
calculated. It needs the measurement of ng-by-n,,
frequency response matrix as shown in equation (7),
which is usually a burden work for experimenters[9].
However, each contribution of vibrations at 7, nodes to
acoustic pressure is different from each other. It depends
upon both of vibration response and the acoustic
sensitivity {S,(p,, @)} at the surface nodes. The contributions
of the vibration responses to pressure can be written from
equasion {10) as foilows:

13
PCF;(p,,b,{D}= ( )

S, {p, @) x(bw) fori=12,..n

where PCE(p, b,0) denotes the pressure contribution
factor {PCF) of vibration response at node i, S, (p,.@)
the i-th component of {S,(p,. @)} and x(bw) is the i-th
vibration response in {x(b.@)} The resulting acoustic

pressure is the summation of PCFs such that
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Plo.b,0)= 3. PCE(p, b.0) (14)
i=

Since PCF shows the contribution of vibration response
at the i-th node to the acoustic pressure, an efficient noise
reduction can be achieved by suppressing the structural
vibrations at the positions showing a relatively larger PCF
values, instead of suppressing those of every surface
nodes. Hence if the structural vibrations at np nodes
having larger PCFs are selectively considered, the
sensitivity of acoustic pressure in equation (12} can be

simplified as
8,(p.b.0)={3, (0,0} {3,000} (15)

where 3,{p,.b.@) is the selective sensitivity of interior
noise caused by , selected vibrations, {.(e,.@)} is the
acoustic sensitivity for selected np surface nodes
and{j.(b,fﬂ)}is the vibration response sensitivity of
selected np, vibrations. Considering Ny, design variables,
the sclective sensitivity vector (Np-by-1) can be written
from equation (15} as follows:

{8 (ptibsnt 0} =(8,(0,5,008,(0,8,0}...8, (01 by, 0}

S IO [T CR RO W e

16)

Hence, pressure change ap due to design change
{ab} = {ab,,4b,,...86, }" can be predicted by using the
sensitivity in equation (16) as

4P ={3, (0,5, byrnby, )} {85} (17

Equation (17) shows the sensitivity relation when only a
single frequency component as well as a single noise
measuring position is considered. However, indeed many
frequency components in the frequency range of interest
should be considered simultaneously to achieve noise
reduction more effectively. For this purpose, the necessary
design change in equation (17) should be calculated by
considering the multi-objectives desired. In general case
when N, frequency components, i.c, ©,@,...@ , are
considered, equation (17) becomes a system of linear
algebraic equation such that

AR -';',(P,,b..by-‘.,by“m.]f

a T
Ah:z = Sp(Prvbvb:h-'-{"’bﬁ,'mz) {Ab} 8)

Ak, gp(pr'bl‘bZ""‘bN,‘wN, )T

or {AP}= [S'P]{Ab}

where [$,] is the N-by-N}, sensitivity matrix. The
optimal design change {Ab}  can be determined by
considering the multi-objectives in equation (18), which is
in the steepest decent direction of the pressure change as
follows:

{an},, =43,] {ar} (19)

where superscript + denotes the pseudo inverse of a
matrix and k(0<k<1) is a scaling parameter which is
determined according to the allowed amount of design
changes. The procedure for determining structural
modification is summarized in Figure 1.

Acoustic modes
I Acoustic sensitivity calculation I‘ - calculation
Vibration PCF evaluation and selective
measurement Big sensitivity calculation

A

Structural modification by using
sensitivity analysis

!
[ e ]

Figure 1. Flowchart of determining structural modification for
interior noise reduction.

V. Example

The suggested structural modification technique is
examined in this section with an example structure: a half-
scaled model car built with steel plates and steel beams as
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Figure 2. 1/2 scale vehicle model and experimental set-up.
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Figure 3. Layout of five lumped masses on the floor of vehicle
model.

shown in Figure 2. The thickness of the plates is 1.2 mm
and the beams have rectangular cross section with height
8.0 mm and width 8.0 mm. On the floor of the model, five
lumped masses having identically 70 g are fixed to the
designated nodes as shown in Figure 3. The lumped
masses are approximately realized with fastened bolts and
nuts: indeed, these cannot be regarded as exact lumped
masses depending on their sizes compared to the thickness
of the plate. The number of nuts are controlled to realize
desired mass. The model car body was hanged by soft
springs to realize the free-free boundary condition
approximately. An excitation position was selected to be
placed at the floor position under the driver seat as shown
in Figure 3 and a banded random force up to 200 Hz was
applied in the z direction to the model car through an
exciter. 150 transnational vibration responses orthogonal
to the surface of car body were measured by a roving
accelerometer on the surface. To measure generated
interior noise, a microphone was selected to be located at
the ear position of a driver.

Figure 4 shows a measured vibration response at the
excitation position. Measured sound pressure level at the

Chosen noise reduction band

T T T T Ty

g ' ]
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Figure 4. Measured FRF: point inertance at the excitation point on
the floor.
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Figure 5. Measured sound pressure level at the receiving position.

receiving position is plotted in Figure 5. A loud noise
around 60 Hz was observed in Figure 5. Comparing Figure
4 and Figure 5, one can see that this noise component is
generated by the vibration response around 60 Hz. Thus in
this example, the objective of structural modification is
selected to be reducing the noise level in frequency range
from 55 Hz to 65 Hz, which is mostly affected by the 60
Hz vibration component. To achieve the objective, the
vibration response at a singlé frequency 60 Hz is selected
to be modified in this example rather than considering
many number of frequency components in the frequency
range of interest, i.e. 55 to 65 Hz. In this case, a number of
objectives .. is equal to 1.

To investigate the effects of vibration response at 60 Hz
on the interior noise, structure-acoustic coupling analysis
was carried out. FE analysis was conducted to identify the
structural modes of the model car shown in Figure 2. FE
model having 1,227 nodes (7,362 DOFs) was made using
the beam and shell elements built in ANSYS 5.0A. Table
1 shows the structural natural frequencies obtained from
FEM and experiment. The relative error increases up to
13.2 % as the mode number increases. It indicates that FE
analysis is not reliable for the vibration analysis in the
frequency band of interest. Hence the vibration
measurements were used rather than FEM for structure-
acoustic coupling analysis in this example. The acoustic

Table 1. Comparison of structural natural frequencies of model
car obtained from FEM and experiment.

Mode No. FEM(Hz) | Experiment (Hz) | Percentage eyror (%)
1 323 347 6.9
2 34.3 ' 375 8.3
3 24 X 34
4 480 43.0 16
5 513 463 103
6 56.6 5.2 - 105
7 60,1 542 109
$ 61.9 . 600 132
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Figure 6. Acoustic modes on the floor calculated by BEM.
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Figure 7. The results of coupling analysis on the floor at frequency
60 Hz. (a) Vibration response of the floor; (b) acoustic
pressure sensitivity in equation (11); {c) area weighting
matrix W in equation (9); (d) pressure contribution factor
(PCF) in equation (13).

Table 2. Comparison of acoustic natural frequencies of model car
interior obtained from BEM and experiment.

ModeNo: |  BEM(Hz) | Expermment (Hz) | Percentage ermor (%)
1 00 09 0
2 1742 7.1 14
3 825 2512 .18
4 %1 | 13
5 3071 3120 16
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modes of interior cavity, which can be estimated
accurately in aid of numerical methods {5] in this case,
were calculated by the BEM. In the BEM calculations, the
acoustic natural frequencies and mode shapes in equation
(8) are calculated under the assumption that the cavity is
enclosed by rigid walls. Figure 6 shows calculated
acoustic modes on the floor. Table 2 shows that the
resulting acoustic natural frequencies obtained from BEM
are accurate within 1.8 % error when compared to the
experimental results.

Vibration measurements indicated that the vibration of
the floor panel is dominant compared to those of other
panels. Thus in this experiment case, only the floor
vibration is considered in the structure-acoustic coupling
analysis for convenience. The results of coupling analysis
on the floor at frequency 60 Hz are plotted in Figure 7.
Contours of vibration responses on the floor and acoustic
sensitivities at 60 Hz in equation (11) are plotted in
Figures 7(a) and 7(b) respectively. Figure 7(c) shows the
area weighting matrix W in equation (9). Area weighting
becomes smaller as the node :aipproaches to edge regions.
The distribution of pressure contribution factor (PCF) for
each node on the floor is also plotted in Figure 7(d). The
deflection pattern of the floor in Figure 7(a) shows that the
vibration level at position X, is larger than that of X,.
However, comparing Figures 7(a) and 7(d), the
distribution of PCF values shows an opposite trend: PCF
at X, is larger than that of X,. This comes from the fact
that the floor vibrations affect the interior noise through
the acoustic sensitivity shown in Figure 7(b).

As described in equation (11), this acoustic sensitivity is
only related to the acoustic modes of the cavity shown in
Figure 6 and not depends on the structural motions. At the
target frequency (60 Hz), the effects of the first few
acoustic modes including rigid body mode are mixed so
that the nodat line of the acoustic sensitivity on the floor
looks like a biased diagonal as shown in Figure 7(b). The
most sensitive position is lﬁlaccd at X, whereas the
sensitivity is very small at X,. Consequently, the smaller
vibration of location X, generates more interior noise than
that of X, as shown in Figure 7(d). As a result of coupling
analysis, the vibration of node X, was identified to be the
dominant source of measured noise around 60 Hz
according to PCF shown in Figure 7(d). Hence the
vibration at X, was selected to be suppressed by structural
modifications to reduce the interior noise. In this case, a
number of vibration suppression position "y, isequal to 1.

For the structural modification in this example, five
lumped masses on the floor shown in Figure 3 were
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chosen to be design variables rather than more general
structural modifications such as beams and plate
modifications to show the modification proceduse
conveniently, In this case, the number of degrees of
freedom to be modified (n,,) as weli as that of design
variables (Np) is five. Hence design change defined in

equation {17) can be written as
{ab} ={am,, Am,, Amy, Am,, Amy Y Q0

where am; (for i=1,2,...,5) denotes the change of i-th
mass on the floor. Total mass change is assumed not to
exceed 220 g in this example. Since only the mass
modifications are examined in this case, the derivative of

dynamic stiffness matrix in equation (7) is simply given as

ODAOAD

MOMOM
aD(mj)=_w29D(m,)=_w, 0AL1AD | 2D
o, o, MOMOM

0OAO0AD

ag!ms)

o has only one nonzero component at the i-th row
and the' i-th column cormresponding to the node to which
mass M is attached. Vibration response sensitivities at
X, with respect to the floor masses 7 , i.e. S.(m.o) for
i=1,2,...,3, can then be calculated from equations (7} and
(21) as

S, (m@) = -0?| Atm, @) | {#(6.0)} 22)

where Lﬁ(m,v.w)J"(l-by-S) contains measured cross-
FRFs between position X, and five mass-attached nodes,
and {%(b,m)} is the measured vibration response shape at
the five mass-attached nodes. The calculated acoustic
sensitivity at node X,, t.e. 3.(¢.®) is 4.1 X 10°Pa/m.
Finally, the selective scnsitivity in equation (16) for

vibration of X, was obtained as

(8,00, i)} = (00} [, (s @Sy (0} S (m )]

=[~0.00 2124 -001 -1445 -001] x10*Pa/kg

(23)

The measured noise level at 60Hz was 68uPa hence the
desired pressure change AP was selected 10 be - 68uPa
The optimal mass changes were calculated by using

equation (19) as

{am},, = {am,.Am,, Amy, Am,, Amg,}
= {0.00, 0.02, 0.00, 0.20, 0.00}" kg 24)
where the scaling parameter & was set to 0.04 in order

that the total mass change does not exceed the fixed
weight 220 g.

Chosen noise reduction band
1

magnitude (pa)

frequency(Hz)

Figure 8. Measured pressure change due to floor mass
modifications given in equation (24),---original
measured pressure; — pressure after mass
modification.

Mass modifications shown in ¢quation (24), i.e. my
increases to 270g and my to 90g, were applied to the
model car. Figure 8 shows spectral distributions of interior
noises before and after the mass modifications. To
evaluate the effectiveness of the modification, banded
power spectrum of the interior noise from 55Hz to 65Hz,
ie. IP(f ydf was calculated, which can be an indicator of
noise level in the frequency’ range of interest. The result
showed that the banded power spectrum was reduced
about 3.0 dB after the mass modifications. In this example,
only the single frequency component was considered for
illustration of the modification procedure (Nc = 1).
However, Figure 8 shows that the modified vibration
characieristics can give adverse effect on the generated
noises out of the frequency range of interest. So it cannot
be guaranteed that the noise reductian on the narrow band
can give always the noise reduction on wider band. Hence
the multiple frequency components in wider frequency
range should be considered simultancously to achieve
noise reduction more satisfactorily in real structures. In
this example, five lumped masses on the floor were chosen
to be design variables. But when more general structural
modifications such as beams and plate modifications are
considered, the sensitivity matrix in equation (21) become
difficult to be calculated since the number of degrees of
freedom to be modified (n,,) as well as that of design

variables (V) increase and hence lager number of
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measurements including rotational degrees of freedom are

required.
VI. Conclusions

A structural modification technique for reducing
structure-borne interior noise of vehicles using the
vibration response sensitivity analysis was suggested, A
semi structure-acoustic coupling analysis was exploited to
estimate the structure-borne noises. As a result of the
coupling analysis, severe noise generating positions can be
identified whose vibration should be cured through the
structural modifications. Formulations for the sensitivity
analysis of vibration response with respect to the design
changes were derived to cure harmful vibration identified
from the structure-acoustic coupling analysis. Minimum
number of measured FRFs are shown to be necessary to
calculate the vibration response sensitivity. Hence the
sensitivity analysis can be performed accurately by using
experimental data instead of using the finite element
method though the higher vibration modes considered.

Effectiveness of this method was examined using an
example model. Loud interior noises in the frequency
band chosen, which includes higher vibration modes, were
tried to reduce. The experimental result indicated that by
the mass changes the banded power spectrum in the
frequency band of interest was reduced about in 3 48
compared to the original one. Although the structural
dynamic modification using experimentally measured data
can eliminate the burden work of numerical calculations
such as finite element modeling, but sometimes it is
impossible to apply this technique to real vehicle
structures when the measurement is inaccessible and the
feasible structure modification is limited.
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